The rotordynamic behavior of an industrial gas turbine rotor train was assessed on site, and the sensitivity to unbalance was quantified. An outline of the measurement procedure is given.
INTRODUCTION
During commissioning, the owner of the gas turbine took baseline vibration readings with the standard vibration equipment installed. Data revealed some low subsynchronous vibration, at lowest frequencies caused by combustor pulsations, and not readily accountable higher subsynchronous frequencies.
Hence, in a joint effort, the operator and the OEM have contracted a vibration consultant to instrument, measure, and analyze the rotordynamic behavior of the industrial gas turbine on site. With additional measurement planes along the rotor train critical speeds and mode shapes were assessed, and the sensitivity to unbalance quantified.
Differential data reduction of two consecutive unbalance runs with test unbalances was undertaken to minimize the influence of noise and the quantitative uncertainty of residual unbalance. A test unbalance was installed for one run and then shifted to the 180°o pposite location within the unbalance plane for the consecutive run. This procedure was followed on the compressor end, and then repeated on the turbine end to assess the influence of unbalance axial location. With the differential data, it was possible to determine the dynamic properties of the rotor -support -system more precisely.
Measured data was linked to a rotordynamic model of the train, to allow for support system parameter identification. The elliptical rotor orbits, caused by structural and bearing anisotropy, were decomposed into a forward and a backward precession circular orbit to correlate measured to calculated results more easily. The identified support system parameters compared well to the original parameters used for the rotor dynamic analysis by the OEM. The influence on rotordynamic results is presented.
PLANT AND PROBLEM DESCRIPTION
The E.W. Brown Combustion Turbine Generating Facility is a peaking plant located about 56 km (35 miles) southwest of Lexington, KY adjacent to an existing coal fired steam power plant. The peaking station is designed to be unmanned with minimal physical connections to the steam plant, and is built around four simple cycle ABB GTI 1N2 machines, see Figure 1 . The first two were in commercial operation in '94, followed by one each in '95 and `96. The primary fuel is natural gas backed up by #2 liquid fuel, with water injection controlled NOx requirements of 42 ppm and 65 ppm, respectively. The site design conditions are 32°C (90°F) and 50% humidity at an elevation of 270 m (884 feet) above sea level.
Figure 1: GT11N2
Initial hot commissioning began with liquid fuel only on the first two units in April '94 since construction of the natural gas pipeline was not complete. The solution to some operational difficulties prior to commercial operation is described in [1] .
During hot commissioning of the machines the owner took baseline vibration readings during transient and steady state operating conditions with the OEM supplied vibration transducers and monitoring equipment. Steady state spectral data revealed a noticeable amount of subsynchronous vibration, predominately observed from the casing measurements of the turbine and compressor bearings. It was seen that the most energetic of these vibrations were of the same principal frequencies as also found in the primary, low frequency content of the moderate combustion pressure pulsations, see Figure 2 and Figure 3 . Evaluation of the results from extensive tests performed by a vibration consultant and with the cooperation of the OEM, it could be concluded that the low frequency subsynchronous vibrations measured on the bearing casings are correlated with the combustor pulsations.
The dynamic stiffness of the support structure is lower for the frequencies around 15 and 20 Hz (900 and 1'200 cpm) than around 50 and 80 Hz (3'000 and 4'800 cpm. Therefore, only the lower two frequencies of the pressure pulsation manifest as low but distinctive vibrations (below 12 µm p-p / 0.75 mm/s 0-p or 0.5 mils / 0.03 ips 0-p) on the support.
The same lower dynamic stiffnesses are measured as noticeable amplifications during start up and coast down under unbalance loading, see Figure 4 . The first peak vibration encountered just below 500 rpm is an explicit structural resonance which is not excited by combustion pulsations, as pulsations are very low at this frequency. The indicated "First and Second Peak" reflect the amplified response due to unbalance at smaller dynamic structural stiffnesses. The same amplified structural responses are seen in Figure 2 at the same frequencies, but the forcing function there is the combustion pulsation rather than unbalance. Well damped resonances are passed during start up or coast down at higher rotor speeds. The beneficial high damping originates in the oil film of the journal bearings, due to the relative movement between rotor and stator. This is typical for modes which are dominated by the rotor mass and stiffness. Resonances at lower rotor speeds are dominated by the entire structural masses and stiffnesses with typically lower relative movement in journal bearings, and smaller overall modal damping.
However, the owner had another concern about the unexpected appearance of a small subsynchronous vibration during startup of one of the units following a major inspection. This vibration component appeared between the first two critical speeds of the turbine/compressor rotor and was encountered in a frequency range of about 40 to 45 percent of running speed, seen typically in Figure 2 ("0.4X"). From the magnitude of the readings it appeared that the source of this vibration was located closer to the turbine bearing as opposed to the compressor bearing. Since the vibration observed was close to the characteristic subsynchronous frequency of an oil whirl at almost half rotational frequency, shaft centerline plots of the turbine bearing were examined. Readings based on existing standard instrumentation outboard of the bearing liner, appeared to indicate that the shaft is riding near the center of its bearing clearance. This fording was in conflict with the knowledge that this bearing was considerably loaded. Measurements of the subsynchronous vibration were repeated on several successive startups on this machine. The only changes to the machine during the previous inspection had been minor adjustments to the first stage turbine vanes and installation of a revised first turbine stage blade. However, the same changes had been made to another identical unit without the subsequent appearance of subsynchronous vibration. Operation of this machine was then suspended for a period of time for other reasons, during which some rectification to oil pocket geometry, set points for jacking oil flow, and minor bearing liner to housing clearance on both, the turbine and compressor bearings [1] were made. The subsynchronous vibration has not been observed since operations have resumed on this machine.
Based on these puzzling findings, existing previous measurements including the "0.4X" vibration readings were further scrutinized. Upon closer analysis, it was realized that the `0.4X" harmonic in reality was clearly below 45% of rotating frequency, a value too low for oil whirl, normally encountered between 45 and 48% of rotating frequency (for the type of fixed arc bearings used). Additionally, oil whirl vibration is normally not expected to stop with increasing rotor speed. It rather locks into the next critical speed encountered during acceleration, and ultimately, develops into an even higher amplitude oil whip vibration at this (almost) constant frequency [2] . However, Figure 2 clearly indicates the "0.4X" harmonic vibration amplitudes to disappear rather abruptly around 2'400 to 2'500 rpm rotor speed.
The two facts of the non matching fraction of rotor speed, and the non occurrence of oil whip (or the disappearance of "oil whirl" with increasing speed) clearly proved that the journal bearings were not the cause of this "0.4X" subsynchronous vibrations.
Analyzing the waterfall spectra, it has to be kept in mind that vibration amplitudes integrated to displacement values (peak peak) become relatively large at low frequencies. During the transient operation, the maximum amplitude achieved is 50 pm p-p (2 mils pp), which corresponds to only 2.6 mm/s 0-p (0.1 ips 0-p) at 1000 cpm. I.e., vibration measurement in displacement, as is well known, becomes rather sensitive at low frequencies.
These low vibration levels were readily and exclusively explainable by a minor one cell rotating stall during start up of a compressor with one variable inlet guide vane and two blow off locations. Based on engine experience and test rig measurements, a one cell rotating stall will manifest as a subsynchronous vibration growing gradually with rotor speed at around 40 to 50% of rotating speed. At a given speed, the rotating stall ceases, and so do the resulting subsynchronous vibrations. Blow off valves are closed considerably above this speed.
Aerodynamic design of a generally fixed vane configuration compressor does not allow for optimum operating conditions at lower (aerodynamic) speeds. This leads to the phenomenon of some rotating stall at lower speeds, even with the use of blow off. The effect on the machine is apparently of a minor extent, as can be seen by the level of vibration amplitudes, and it occurs only during a part of the short transient time of start up.
Additionally, as found with the modifications done to the turbine (resulting in a change of back pressure to the compressor), minor changes may make the effects of stall detectable in the vibration signature of one machine but not of others. The influence of the rotating stall on vibration levels is very sensitive to small variances, e.g., manufacturing tolerances, and out of two "identical" units only one may show any effect. This sensitivity lead the phenomenon to become undetectable by vibration readings after minor additional modifications had been made, though not even to the aerodynamic part of the compressor turbine.
ON SITE ROTORDYNAMIC VERIFICATION
Based on the owners interest and initiative, several individual points in the dynamic behavior of the gas turbine had been addressed up to this point. However, with the standard measurement and monitoring equipment installed, a more detailed analysis of the rotor train was hardly possible.
While the importance of a thorough understanding of a gas turbine's rotordynamic behavior is well known [3] , realistic detailed assessment of a unit of the present size (109 MW under ISO conditions) is normally not possible unless extensive measurements are taken on the complete unit finally mounted on its baseplate on site.
The discussion on encountered past "oil whirl" and the previous investigation on other subsynchronous vibrations hence lead the owner and the OEM to launch a joint effort to fully assess the dynamic behavior of the rotor train. The OEM established the test procedure of the measurement campaign, the owner provided the complete measurement infrastructure, and jointly, a vibration analysis consultant was hired.
To assess the full rotor train, installed standard instrumentation was used, and additional measurement planes were set up temporarily. Bearings are numbered B1 through B5, starting at the turbine exhaust end, and ending with the exciter bearing. In addition, a measurement plane was introduced at the intermediate shaft (spool). All measurement planes were equipped with relative shaft displacement and absolute seismic probes. Both, turbine and compressor bearings had displacement probes inboard and outboard of the bearing liner to allow for the assessment of more accurate shaft center line plots at the geometrical center of the bearing. A more detailed view and description of the set up at bearings BI and B2 is given in [3] , an overview is shown in Figure 5 . The owner provided the field wiring from the machine to a temporary instrument trailer. Due to the large number of measurement points and physical size of the turbinelgenerator set a permanent type of installation was made with transducer drivers and cables mounted in junction boxes and a duct bank.
The owner also provided the measurement points on the thermal block and connections to the same for the hot alignment work. This was accomplished with INVAR rods threaded to temporary machined dowels on opposite sides of the turbine casing splitline. A reference for movement of the turbine bearing, embedded in the bearing tunnel, was achieved by mounting a stud on the bearing casing in line with a rib in the exhaust housing. This provided a means of attaching a long INVAR rod directly to the bearing casing. Three thermocouples were put on this rod, four were circumferentially distributed in the exhaust ribs, and one was put into the bearing tunnel. All temperature readings were made part of the data acquisition and checked against uneven distribution. Laser cold alignment shaft coupling readings were used in the cold to hot condition comparisons.
The owner desired to know more about the thermal growth of the GT rotor and so added two extended range transducers, one at the turbine bearing and one at the axial guide key at the turbine frame, to provide a differential case expansion measurement. In an effort to understand the movement of the turbine casing in the radial direction an extended range transducer was mounted transversely at the axial guide key. All of these measurements were brought into the data acquisition.
GOAL OF VERIFICATION
The goal of this verification was to match rotordynamic model prediction based on the OEM's design parameter with the dynamic behavior of the effective machine as built and installed on site.
The first goal was to more closely compare the calculated critical speeds with the measured ones. For this purpose, and for easier identification of mode shapes, the additional measurement planes along the length of the rotor train had been installed.
The second goal, supporting the findings of the first one, was to identify the effective support stiffness of the unit set up, and compare those values with the originally calculated design parameters. For this purpose, differential unbalance runs as described below were run.
As third goal, the cold and hot alignment of the gas turbine and the generator was to be checked. Deviations from design and disturbances during operation were to be checked. For this purpose the extensive temperature and static displacement instrumentation had been installed.
DATA ACQUISITION
In order to qualify the parameters to be used in a mathematical model, data reflecting the machine's response to a known force must be acquired. For this effort Synchronous Perturbation and Differential Data Processing Techniques [4] were combined. These techniques require an unbalance weight to be placed in one of the balance planes and a startup/shutdown sequence completed. The weight is then moved 180 degrees from the original location, and another startup/shutdown sequence is run. By using two smaller unbalance weights placed 180 degrees apart in two runs and subtracting the results, the equivalent response for a double unbalance weight can be achieved without subjecting the machine to the forces produced by the larger weight, while at the same time most of the residual unbalance and bow responses are removed. Two tests were performed, one with the perturbation weights placed in the compressor balance plane, testl, and one with the weights placed in the turbine balance plane, test2. For testl unbalance weights of 180 grams were added at holes 1 and 36 in the compressor balance plane for the first run, and then moved to holes 18 and 19 for the second run. With this test sequence, the machine was only subjected to 360 grams at a 500mm radius, but the differential response corresponds to a 720 gram weight addition at 0 degrees and a radius of 500mm. For the second test, unbalance weights of 180 grams were added at holes 25 and 26 in the turbine balance plane for the first run, and then moved to holes 7 and 8 for the second run, which corresponds to a 720 gram weight addition at 250 degrees lag and a radius of 540mm. These trial unbalances result in a moderate vibration increase only, as requested by the owner of the unit, as the rotor mass is approximately 60 tons.
In between the two runs the machine was altered as little as possible, as any deviation in the machine state between the two runs can produce noise in the differential processing technique, which consists of subtracting the synchronously filtered vectors obtained in the second run from the vectors obtained in the first run at each sampled rotative speed. The technique effectiveness depends on the repeatability between runs, and a good rpm match of sampled speeds for both sets of data (or the data has to be insensitive to small mismatches in rpm), and the speed regions around resonances are extremely critical. Since a gas turbine always operates in the proximity of a resonance, extreme caution must be used or the The algorithm used in this program is based on a weighted average of the data point being modified and the three adjacent data points on either side of it to adjust the value of every point in the database. This process eliminates a considerable amount of the noise in the signal, but must be used cautiously as smoothing may also distort the desired information if it is too extreme. effectiveness of the differential technique is reduced. This accounts for the relatively poor signal to noise ratio, as compared to laboratory testing, obtained from the present tests. Even so, the differential data is closer to the response due to the applied weight than the data obtained in each of the individual runs. Examination of the lx filtered signals from the measurement transducers showed that the rotor responses were significantly different in the x and y axis, which indicates, not surprisingly, that the rotor/support system is anisotropic and the model parameters will have to be adjusted such that both the x and y signals approach the measured values simultaneously. The responses depend on the orientation of the major and minor axes of the rotor orbit relative to the probe axes as well as the magnitude and phase of the lateral rotor response. This makes the task of parameter identification using optimization techniques very difficult. To make the optimization easier, the data was processed to eliminate the axes orientation effect using complex variable synchronous filtering [5] . In this process the x and y measurements are processed as orthogonal axes describing a two dimensional plane. The resulting filter output, Figure 6 , then consists of a forward and reverse circular response vector at each rotative speed. The forward component only depends on the system response to the unbalance force and is independent of measurement axis and orbit axis relationships, as this information is contained in the reverse component. This makes the parameter optimization process much simpler.
The values on the stiffness axis can be determined, and then in a separate step their orientation can be found. By condensing two plots onto one, the information content is increased contributing to more clutter, but this is a small price to pay for the increased density and usability of the data. The next step was to smooth the data, Figure 7 , which makes the plots easier to view. Since the vibration response is only measured at two of the physical layers, there is not enough information in the data to separate all four stiffnesses even if they were included in the model. By removing two sprung masses, the model reduction does result in losing the potential for additional resonances. However, if they are outside the operating speed range of the machine or do not • 3io ago,
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Anyone who has tried to model a gas turbine-generator system knows the complexity of these machines. The computer model used in this analysis is a two layer finite element model, consisting of a radially symmetric rotor surrounded by a radially symmetric housing. The machine's physical construction indicates that a more complex model, a three or four layer model, might be necessary to determine the vibration response of all the major machine components. Looking at the machine from the shaft outward at a bearing location, there are four different mass layers, each separated from the next by a flexible support structure.
In order to fit the machine to the model available, these four layers had to be reduced into two. For this project, the bearing mass was neglected and its support stiffness combined with the oil film stiffness, while the bearing support ring mass was also neglected and
contribute significantly to the machine's overall response at the measurement locations, the reduction produces a model which provides valuable information about the rotordynamic behavior of the turbine-generator system.
The rest of the modeling procedure is straightforward. The shaft and casing being partitioned into finite lengths determined by changes in shaft diameter, and placement of measurement locations. This produced a reasonable number of elements in the model, 76. Too many elements lead to excessively long computation times with no additional rotordynamic information, while too few elements cause errors in results, especially for higher frequency modes. The turbine housing had to be approximated, as again in some areas multiple layers needed to be reduced to a single layer. Mode shapes indicate the housing moves as a rigid body so these reductions are reasonable and were made to try to keep the weight distribution along the housing consistent with the machine. This model, as shown in Figure 8 , does produce good agreement with the measured data as described below.
OPTIMIZATION
The internally controlled computational optimization routines did not produce the desired quality of results for this project. It must be realized that optimization routines try to correct for any differences between the calculated data and the measured data by modifying only those parameters that are specified in the model. Therefore, if the data has any signal content controlled by other parameters, or generated by sources other than the specified input source, large errors can be generated in the values of the optimization variables. Errors are also introduced by assumed simplifications in the model which do not generate the exact responses produced by the machine.
There are two major contributors to the above error sources in this project. The first concerns how well the model can be made to represent the machine. Since the response is comprised mainly of closely spaced resonances, it is very sensitive to operating conditions and minor changes in system parameters. The second source making successful optimization difficult is the relatively low signal to noise ratio of the data.
Even though the computer controlled optimization did not produce the quality of results desired, parameter optimization could be controlled manually which produced reasonable results for bearing and housing support stiffnesses. Just like any optimization process, these are sets of values that produce results similar to those measured on the machine when used with the appropriate mathematical model, and are not necessarily the accurate actual values that are present in the machine. The closer the mathematical model represents the machine, the closer the determined values are to the physical values.
With a machine as sensitive to operating conditions as a gas turbine, exact matches over the entire sampled speed range are unlikely because parameter values vary during operation. This will cause the calculated results to deviate from the actual values, in addition to any inaccuracies in the model. As no test unbalances were installed on the generator, maximum vibration amplitudes are less than 13µm p-p (0.5 mils p-p), and are highly influenced by residual unbalance. Since the forced response mode shapes are strongly influenced by the forcing function (small at the generator), even if the machine stiffness values were matched identically in the model, the calculated response cannot match the measured response closely. Therefore, the data was not matched very accurately for these probe locations. The vibration signals were analyzed for asymmetry and resonance frequencies and the values adjusted in the model to reproduce these results. To determine the generator parameters more accurately, perturbation tests with a known unbalance added to the generator balance planes would have to be performed.
A representative calculated polar plot for the turbine using the optimized parameter values in the model, is shown in Figure 9 . There was a slight discrepancy in the values for the turbine bearing and support stif iesses that produced the best data fit in each test.
L

RESULTS
Support Stiffnesses are direct results of the modeling and optimization described. Table 1 shows the comparison of analytical results (column "ABB") with the values based on the measured vibration characteristics of the machine on site (column `BNC"). The match of data is quite good, partially even excellent. As described before, additional sensitivity studies which were not possible during the time window available for testing would be necessary to achieve an even higher accuracy in measured results.
With the given measurement uncertainty, there is no sense in trying to refine the analytical support modeling any further. The original design-phase rotordynamic model included support modeling by an FE structure. A summary of the measured unbalance excited structural resonances and critical speeds compared to original analytical results was established, detailed descriptions are given in [1] .
The Resonance Frequencies, modal damping, and mode shapes were compared. Measurement of forced response rotor train mode shapes was enhanced by the additional measurement planes. A typical example at about 2700 rpm is given in Figure 10 . A spline through measured points gives only an approximate picture of the mode shape, as rotor stiffness variations are not taken into account. Spatial distribution (phase) is not easy to be seen. Hence, the calculated forced response mode shape based on measured support stiffnesses was calculated and is shown typically in Figure 11 . Participating portions of the rotor train were readily measured and have been compared to those forced response calculations.
The structural resonance at almost 500 cpm is the only one not identified by the analytical model. All other forced response resonances of the rotor and/or the structure, around 900, 1' 100 (distinctively split into horizontal and vertical), 1'400, 1'700, 2' 100, 2'600, and 2'900 rpm were identified by both, measurement and analytical means. Some acceptably small deviations between measurement and analysis were found in the lower resonance frequencies, where the measured peak amplitude frequency is quite sharply defined. At higher resonances, the uncertainty range in the measured peak amplitude frequency generally encompasses the corresponding calculated results.
The level of sophistication of the analytical model hence is sufficient to predict and ensure safe operation of the rotor train. Fixed speed operation is sufficiently removed from the next lower, well damped critical speed to allow smooth running.
Modal damping levels at corresponding resonance frequencies match very well, considering the uncertainty in determining the values out of the measured amplification of vibration amplitudes (width of peak at 1/•2 times maximum level, with closely spaced "overlapping" resonances). Some overprediction is found, a factor of roughly 1.5 to 2 times the measured values at low damping levels, and less than 1.5 times at moderate damping levels. This has to be considered a very acceptable accuracy, given the complexity of the structure and interfaces between masses. Based on the comparison of measured and calculated values for the support structure as given in Table 1 , no larger deviations in measured and analytical dynamic properties of the rotor stator system had to be expected.
Alignment Measurements based on the extensive instrumentation described earlier was only partially successful. Shaft centerline measurement at bearings #1 and #2 to a certain extent suffered from the same effect. Thermal growth of the supporting structure, the bearing housing, additionally distorts measured results. However, it was found that the temporarily mounted inboard sensors consistently measured a lower rotor center line location than the outboard sensor by approximately 50 un (2 mils), due to the rotor sag line. Hence, the original findings based on readings of the outboard sensors, suspecting the rotor riding close to the bearing center, could be revised with a larger eccentricity at the true bearing midspan.
However, the laser alignment and INVAR rod measurements revealed some insight on vertical alignment of the unit. A summary of the results can be seen in Figure 12 . Cold alignment positions of the gas turbine and the generator are shown with solid lines (the exciter bearing was not measured). Sag of the rotor was not taken into account during this measurement, and the gas turbine rotor was considered "horizontal" as a zero reference line. The first fmding was that the generator was not aligned according to specifications. Specifications are based on the "horizontal" reference line through the two gas turbine bearings, include the rotor sag line which leads to an angled coupling position, and minimized bending moments in the coupling. These conditions result in the non-driven end bearing of the generator to be adjusted vertically higher than the driven end bearing, the latter not being exactly on the zero reference line.
This was found not to be the actual cold positioning of the measured unit. Additionally, the compressor end bearing support structure was found to grow considerably more than predicted. This lead the compressor bearing to be additionally loaded, while the generator driven end bearing was relieved. The effect of the latter was found again in babbitt temperature readings, the driven end exhibited roughly 25°C (app. 50°F) lower temperatures than the non-driven end.
This situation was not according to the original design intent. However, the alignment was still within the exeptional tolerance bond. The latter is set up such that under any operating conditions neither rotor portions nor couplings are ever loaded even close to the acceptable limit.
The OEM decided, to leave the alignment specification as it was, as a single measurement of thermal growth deviations is insufficient to judge an entire fleet. Prediction of thermal boundary conditions of the casing external support structure cannot be predicted reliably enough due to the large uncertainties in the environment of the gas turbine. The alignment of the present generator, however, was rectified.
CONCLUSIONS
An extensive and comprehensive measurement campaign has been undertaken jointly by the owner, the OEM and a vibration consultant. It was found that the present gas turbine has a very sound dynamic behavior. Explanations to all distinctive small vibration peaks and to all resonance phenomena have been found.
Measured results matched well with predicted values. Some inaccuracies remain partly due to the time limitation of the measurement scope, i.e., no unbalance tests were done to determine the generator behavior more accurately. However this is not critical for the safe shaft train operation.
Considerably large trial unbalances had been placed on the gas turbine rotor, and even differential measurement taken to enhance the measurement accuracy. However, the rotor train proved to be very insensitive to unbalances, and resulting small vibration levels caused additionally limits on the accuracy of results.
Yet, the measurement campaign and its results proved that the full and reliable dynamic assessment of a large industrial gas turbine on site is possible in a joint effort by the owner and the OEM.
